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losses should be taken into account, but also their 
no less important function – to ensure the required 
vibration characteristics of rotor.

Problem statement

Two typical diagrams of single-disk rotor: with 
the disk between fixed bearings (Figure 1, a) of 
asymmetrical (P-1 model), symmetrical (Р-1с model) 
and overhung (Figure 1, b, P-2 model) are considered. 
Identical groove seals are situated from both sides of 
the disk (impeller).

The first diagram imitates the rotor of single-stage 
pump with double-entry impeller and the second – the 
rotor of overhang pump.

In both diagrams radial displacements of disk are 
accompanied with its rotation in the plane of defected 
shaft axis. Inertial resistance to rotation is characterized 
with the corresponding gyroscopic moment of disk. 
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The vibratory condition of the centrifugal machine 
rotors is determined by the dynamic characteristics of 
groove seals. Centrifugal pumps and compressors are 
widely used in all industries. A steady upward trend 
of the operational parameters is peculiar to them: 
supplies, pressure and speeds, i.e. to the concentration 
of increasingly higher capacities in individual units. 
For example, reactor coolant pump flow of nuclear 
power plants is 20 000 m3/hour, high-speed pump 
flow is 60 MPa [1].

The distinguishing characteristics of centrifugal 
machine is that the tasks of vibration reliability and 
sealing are interrelated and, in most cases, can be 
satisfactorily accomplished through the correct 
selection of the groove seal construction. Therefore, 
when selecting the construction of groove seals, not 
only their designated purpose – to reduce volume 
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Rotor mass is concentrated in the centre of disk masses 
and a weightless elastic shaft rotates in fixed bearings.

The rotor is statically and dynamically unbalanced: 
centre of mass is displaced from the mechanical center 
for the amount of eccentricity 



a a ax y,( )  that stands for 
static unbalance. The main central axes of disk inertia 
due to fit tilt or other instrument accuracy are deviated 
from the principal shaft axes of section (main flexural 
shaft axes) to angles g gx y,  characterizing dynamic 
unbalance of the rotor. Unbalance parameters are 
considered to be preset small values.

Analysis of the literature

While developing centrifugal pumps for any 
parameters, except for workout of economic wetted 
part, high-priority tasks are vibration reduction 
ensuring the desired reliability and service life of 
bearings and drive couplings, development of durable 
and sufficiently air-tight seals [2].

In centrifugal pumps up to 100% of the power 
intake is lost for leakage through groove seals of 
impellers and autodump system of axial forces [3]. 
Energy of volumetric losses can be converted into net 
energy, if the groove seals are used simultaneously 
as hydrostatic bearings able to have not only high 
radial rigidity but also to effectively damp the rotor 
fluctuations [4]. In this case leakage energy can not only 
ensure necessary load-carrying capacity of bearings 
but also importantly to reduce the rotor vibrations 
to the acceptable level even, if there is a significant 
unbalance [5]. Environmental effect is especially 
considerable, if there are existing steep velocity and 
pressure gradients, which is peculiar to close gaps of 
the groove seals, on which high pressure differentials 
are restricted and one of the walls belongs to the 
rotating and vibrating rotor [6].

As it is mentioned in the paper [7], rotor and groove 
seals are a closed hydromechanical system. This is the 
reason for key feature and complexity of the problem 

Figure 1 – Typical diagrams of single-disk rotor in groove seals:
а – with a disk between the bearings (Р-1, Р-1с models); 

b – overhung (Р-2 model) with mass т, radius R and effective thickness be

of centrifugal machine rotor dynamics. The seals not 
only change critical frequencies of rotor, but also have 
significant influence on the amplitudes of its forced 
oscillations and stability thresholds [8]. 

The dynamic characteristics of groove seals as 
intermediate supports have been studied in the 
paper [9]. It presents linearized expressions of radial 
hydrodynamic forces and moments acting on the 
rotor on the part of fluid flow in gap of groove seal. The 
power characteristics are determined by the geometric 
and operating parameters of the seals: initial taper 
and radial clearance, length and average radius of the 
channel, throttled pressure drop, rotor speed, swirling 
flow at the gap inlet, physical properties of the fluid. 
Analysis of the influence of groove seals on the rotor 
dynamics allows choosing their design so that in the 
entire operating range the vibration level of the rotor is 
within the acceptable limits [10].

However, the problems of rotor dynamics in 
groove seals are slightly neglected as to solve them it 
is necessary to know the hydrodynamic characteristics 
of groove seals. This is a separate problem in the 
hydrodynamics of three-dimensional unsteady viscous 
fluid flows in annular channels, whereof walls rotate 
and simultaneously perform radial-angular oscillations.

Since the problems of the rotor dynamics without 
groove seals have been mainly solved, this paper 
focuses more on the analysis of oscillatory processes 
caused by the hydrodynamic characteristics of seals.

Dynamic rotor-groove seal system

Gap throttles separate spaces, where the sealing 
area is under different pressures. The flow rate is limited 
due to the consumption of potential pressure energy 
to overcome local resistances, friction resistance 
along the length of the channel, and sometimes on 
inertial resistance. The higher this consumption, 
the lower potential energy is converted into kinetic 
energy of the flow, the lower average fluid velocity in 

a b
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the gap p(z, φ): deformations of the sealing rings are 
determined by pressure distribution, and the latter 
is very sensitive to changes in size and shape of the 
gap.

Radial forces and moments in groove seals

Figure 3 shows a model of the groove seal that is 
an annular throttle formed by inner cylinder (shaft) 
with a small taper angle JA  and outer cylinder 

the channel and its flow rate. Thus, the groove seals 
do not completely eliminate, but only limit the flow.

A simplified structural diagram of the rotor –
groove seal system is shown in Figure 2. Radial  
(x, y) and angular (ϑx, ϑy) oscillations of the rotor are 
largely determined by hydrodynamic forces (F) and 
moments (M) arising in the sealing gaps (in annular 
throttles), and the very forces and moments depend 
on the nature of rotor movement. There is another 
feedback between geometric shape of the gap 
(average radial gap H and taper ϑ2) and pressure in 

Figure 2 – Structural diagram of the hydromechanical rotor-groove seal system

Figure 3 – Design diagram of the groove seal with a movable bushing
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(sleeve) with a taper angle JB ; total taper angle of 
the channel J J J0 = −B A . Taper parameter of the 
channel

θ ϑ0 0 2= l H , q0 1£ (1)

Shaft and bushing rotate around their own axes 
with the frequencies of their own rotation w w1 2, .The 
axes themselves rotate around the fixed center O 
with precession frequenciesW W1 2, , and also perform 
radial and angular oscillations. The paper has 
provided an assessment of the force characteristics 
for laminar and turbulent flow regimes taking into 
consideration local resistances and in view of flow 
swirl at the gap inlet [1].

In the models of rotors of single-stage pumps, 
impellers are situated between two identical seals. 
For symmetrical statistically unbalanced rotors, 
for example, rotors of double inlet impeller pump, 
radial oscillations are predominant. Small angular 
oscillations are caused by unavoidable dynamic 
unbalance and probable disturbance of the rotor 
symmetry in regard to transverse vertical plane 
going through the centre of masses. In this case, 
useful preliminary results can be received, when 
considering only radial oscillations. Herewith, the 
coefficients of hydrodynamic forces should be 
doubled (according to the number of seals).

Another extreme case of predominantly angular 
vibrations is possible for a symmetrical statically 
balanced rotor under the influence of dynamic 
unbalance. In this case, it is necessary to double 
the hydrodynamic moments. Besides, the radial 
hydrodynamic forces Fsu

*  arising when the rotor axis 
is skewed towards to the seal axis are different in 
value due to the difference in eccentricities, radial 
speeds and accelerations. Therefore, they create an 
additional moment relative to the center of impeller. 
The angles of azimuth in both seals with equally 
spaced bushings remain the same, therefore, the 
components of forces due to angular vibrations (with 
coefficientsai ) do not create additional moments.

More details of additional moments from elastic 
forces are presented in the paper [3].

Joint radial-angular oscillations of the rotor 
in groove seals

To analyze free oscillations, we use oscillation 
equation in projections without right-hand sides [5]. 
For a constant, independent of the rotary velocity, 
differential pressure, the equations are written as 
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General solution of these homogeneous 
equations:

u u e u u e

e y e

x ax y ay

x ax ay

= =

= =

λ λ

λ λθ θ θ θ

t t

t t

, ,

,

(3)

Substituting the solution into the original 
equations, we arrive at algebraic equations in relation 
to the amplitudes of free oscillations:

The condition of existence of non-zero solutions is 
equality to zero of system determinant (5).

Having expanded the determinant, it is possible 
to obtain characteristic equation of 8th degree in 
usual algebraic form in regard to the characteristic 
exponent l .

To analyze joint radial-angular oscillations of 
the rotor, one has to use numerical methods. For 
numeric calculations it is more convenient to use 
dimensionless characteristic equations. That is why, 
let us divide (5) by Wu0  (6).

The considered rotor in groove seals is an oscillatory 
system of the eighth order with four generalized 

(2)

(4)
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Forced joint radial-angular oscillations of the 
rotor at a constant pressure drop across the seals are 
described by equations [9].

a u a u a u i a u a u

i
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Using standard programs, you can immediately 
find numerical solution of these equations
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Substituting the solution of these equations in the 
form

u u e ue e ea
i t i t

a
i t i tu= = = =+( ) +( )ω φ ω ω φ ωθ θ θϑ



, (10)

we shall obtain a system of algebraic equations for 
complex amplitudes:

coordinates: u ux y x y, , ,q q . The system oscillates about 
a stable equilibrium position, therefore the roots 
of characteristic equation are four pairs of complex 
adjoined numbers l l l l l l l l1 1 2 2 3 3 4 4, , , , , , ,* * * * . Let’s 
present them in expanded form:
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Imaginary components sk  of the roots are 
frequency of free oscillations and real-valued nk  are 
relative damping ratios. Oscillations with increasing 
amplitude in time correspond to positive values 
nk > 0,  i.e. the rotor loses stability; at nk = 0,  k-th 
component of the oscillations has a constant amplitude, 
the rotor is on the oscillatory stability boundary.

The pressure developed by the centrifugal stage 
is throttled on the front groove seal of the stage. This 
pressure is proportional to the square of the impeller 
rotary velocity: ∆ Βp0

2= w . It is these conditions 
that are peculiar to centrifugal machines. As far as 
various equation coefficients (4) depend on pressure 
differential, they also depend on the frequency of 
rotation, and this depends on the form of frequency 
characteristics – dependencies of natural frequencies 
from the rotary speed. In this case, the pressure 
differential ceases to be an independent external 
influence, it is associated with additional correlation
∆ Βp0

2= w . As a result, only the rotary speed is 
external influence, and self-intensification effect of 
the rotor is enhanced.
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Let’s move on to dimensionless frequencies 
w w= Ωu0  and introduce the notation:

Afterwards, these equations (11) become

U iV u U iV11 11 12 12
2+( ) + +( ) =

θ ωΑ ,

U iV u U iV21 21 22 22
2+( ) + +( ) =

θ ωΓ .

Here U iV U iV11 11 22 22+ +,  are proper operators 
of the independent radial and angular oscillations 
correspondingly. Cross sectional operators 
U iV U iV12 12 21 21+ +,  characterize the influence 
of angular oscillations on radial and the effect of 
radial on angular, i.e., interconnection of these  
oscillations.

Determination of the amplitude and phase 
frequency characteristics

From the system of non-homogenous algebraic 
equations (13) according to Cramer’s formulas [8] we 
find complex amplitudes

(14)

where system determinant D0  and determinants 
D Du , J  are written as:

 ∆0 0 0= +U iV ;
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Taking into consideration the reported values of 
formula determinants (14), upon division of real and 
imaginary parts, the following is presented:
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Modules and arguments of complex amplitudes
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Having substituted the values of determinants (15), 
(16) in these formulas, we shall obtain amplitudes and 
phases expressed in terms of external disturbances:
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seals with a confuser channel are 2 – 4 times higher than 
in diffuser seals. The pressure differential of 1.5 MPa 
across the converging seals provides almost threefold 
increase in natural frequency of the rotor. This confirms 
the possibility and effectiveness of simultaneous use of 
groove seals as hydrostatic bearings.

The circulation force, depending on the rotary 
speed, does not affect the value of natural frequencies, 
but decreases the module of relative damping ratio. 
Thus, it is the main destabilizing factor leading to 
the loss of stability of free oscillations. The circulation 
force is proportional to the swirling ratio of flow in 
the annular channel; therefore, swirling suppression 
expands the rotor stability region.

The hydrodynamic dissipative force depends on 
the channel taper and can change sign in the diffuser 
channel turning into a force of negative resistance, i.e. 
is another destabilizing factor. Unlike the circulating 
force due to proper rotation of the rotor, the dissipative 
force does not depend on rotary speed and can 
become negative in the absence of rotation. Thus, in 
seals with diffuser channels, even a non-rotating rotor 
can go beyond oscillatory stability.

Force factors of the groove seals are determined 
by the geometric (gap, radius, length, taper, shape of 
the input edges) and operational (pressure differential, 
operating speed range, physical properties of the 
pumped medium) parameters. A purposeful choice of 
these parameters can influence vibratory condition of 
the rotor and the machine as a whole.

The important feature of NPP pumps is that the 
pressure differentials throttled on the groove seals 
are proportional to the rotor speed. This is due to self-
intensification effect of the rotor, which leads to the fact 
that in most cases there are no critical frequencies. Self- 
intensification is enhanced by gyroscopic moments 
of groove seals, and for rotors of a disk design – by 
gyroscopic moment of a disk.

The studies make it possible to determine the 
directions of increasing the vibration reliability of NPP 
pumping equipment by purposefully increasing the 
rigidity of groove seals.

Using formulas (19), we can build amplitude 
frequency characteristics as amplitude ratio of the 
corresponding oscillations to the amplitudes of 
external excitements:

(20)A
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Numerical calculations were carried out for the rotor 
model with a disc between the bearings. The groove 
seals with three taper parameters were considered: 
q0 0 3 0 0 3=− , ; ; , . Diagrams for these parameters 
in Figure 4 are designated respectively by numbers  
1, 2, 3. Calculations were carried out for constant 
pressure differences Δp0=13,3 MPa. The following 
values of unbalance were considered in the calculations:

 

A a a H a m
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= = = =
=
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,
0 05 12 5

3 75
µ

ω mm/s.

Figure 4 show the amplitude frequency 
characteristics for pressure differentials that do not 
depend on the rotor speed: the preset pressure 
differential is created by an independent external 
source.

Conclusions

The differences in the patterns of rotor oscillations 
in groove seals from its oscillations in air are caused by 
the action of hydrodynamic forces arising in groove 
seals.

The force of inertia and the force of viscous 
resistance decrease, while the gyroscopic force and the 
force of hydrostatic rigidity increase the modules of 
natural frequencies. The increase in natural frequencies 
is proportional to the square root of differential 
pressure throttled across the seals and depends on the 
taper of annular throttling gap. For typical designs of 
centrifugal pumps, natural frequencies of the rotors in 

(21)

Figure 4 – Amplitude frequency characteristics as a response to dynamic unbalance, model Р-1, Δp0=13,3 MPa=const
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Математичне моделювання динамічної 
системи ротор-щілинні ущільнення з 
метою підвищення вібраційної надійності 
насосів АЕС

Шевченко С. С.1, Шевченко О. С.2, 
Винничук С. Д.1

1Інститут проблем моделювання в енергетиці 
ім. Г. Є. Пухова Національної академії наук 
України, м. Київ, Україна
2Сумський державний університет, м. Суми, 
Україна

Однією з важливих і складних проблем маши-
нобудування є проблема герметизації роторів 
відцентрових насосів, у яких під високим тиском  
перекачується рідина. У таких системах завжди бу-
вають протікання рідини через наявні нещільності 
(зазори) між обертовим і вібруючим валом та неру-
хомим корпусом. Зі зростанням таких параметрів 

Отримано 29.01.2021

обладнання, як тиск ущільнюваного середовища і 
швидкість обертання ротора, зростають і пробле-
ми, пов’язані із забезпеченням ефективності його 
герметизації. Особливо актуальні ці питання для 
ущільнень роторів насосного обладнання АЕС, яке 
входить до систем, важливих для безпеки. Тому 
ущільнення роторів насосів АЕС постійно усклад-
нюються, перетворюючись у складні, багатоланко-
ві гідромеханічні системи. 

Крім, власне, герметизації, системи ущільнення 
все більшою мірою впливають на загальну експлу-
атаційну безпеку насосного обладнання, особли-
во вібраційну. Щілинні ущільнення розглядаються 
як гідростатодинамічні опори, здатні ефективно 
демпфувати коливання ротора. Для визначення 
динамічних характеристик розглянута модель 
системи ротор-щілинні ущільнення, моделі одно-
дискових роторів, розрахункова схема щілинного 
ущільнення з рухомою втулкою. Проведено оцінку 
радіальних сил і моментів у щілинних ущільнен-
нях. Наведено отримані аналітичні залежності для 
розрахунку динамічних характеристик гідроме-
ханічної системи, що описують радіально – кутові 
коливання ротора відцентрової машини в щілин-
них ущільненнях, а також формули для розрахун-
ку амплітудних частотних характеристик як відно-
шення амплітуд відповідних коливань до амплітуд 
зовнішніх збуджень. Наведено приклад розрахун-
ку динамічних характеристик однієї з моделей ро-
тора відцентрової машини. Визначено напрямки 
підвищення вібраційної надійності насосного об-
ладнання АЕС завдяки цілеспрямованому підви-
щенню жорсткості щілинних ущільнень.

Ключові слова: насоси АЕС, радіально-
кутові коливання, ущільнення-опори, частотні 
характеристики.


